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Heat Transfer Through Single Hole Bias Flow Acoustic Liner
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Because of the political awareness of environmental damage, noise control legalization is a future problem facing
industrial leaders. However, aircraft ice protection systems are essential for airworthiness requirements. As a result,
modern technology is expected to perform multiple tasks. This paper investigates the heat transfer characteristics
and mechanisms of an acoustic liner with bias flow. An idealized version of the acoustic liner is tested experimentally
in the low-speed wind tunnel at Queens University, Belfast. Then, a numerical model is created for a single cell of the
honeycomb structure in order to characterize the main heat transfer mechanisms. The simulation results are
compared with the experimental measurements. Comparison between numerical solution and experiment show
good agreement for heat transfer characteristics. The phenomena demonstrated by the single hole model are used to
explain the heat transfer mechanisms of the bias acoustic liners. A higher heat transfer rate than expected is achieved
which is verified both by numerical solution and experiment results. The primary reason for a higher heat transfer
rate is due to an increase in heat transfer in the region where the flow inside each of the honeycomb cells reattaches to

the sidewalls after exiting a small hole.

Nomenclature
A = local active area, m?
Ajnee = acoustic liner front face area, m?
) = heat capacity of air at constant pressure, J Kg~! K~!
D = hydraulic diameter of honeycomb cells, m
d = hole diameter, m
F = shape factor for honeycomb wall
h = heat transfer coefficient
hgp = back plate heat transfer coefficient
hgc = heat transfer coefficient based on liner effective
conductivity
hgp = heat transfer coefficient for fully developed duct flow
hgp = front plate heat transfer coefficient
hyc = equivalent heat transfer coefficient for conduction
hier = heat transfer coefficient of acoustic liner
air = conductivity of air, Wm~' K~!
k, = effective conductivity for honeycomb materials,
Wm™! K™!
l = length of honeycomb cells, m
Lehar = characteristic length of acoustic liner sample, m
lample = distance between leading edge and sample center, m
m = mass flow rate of heated air, kg s™!
Nuy,p = Nusselt number with A/P reference value
P = hole pitch, m
Giner = heat loss across acoustic liner, W
Re = Reynolds number
Re,,p = Reynolds number with A/P reference value
Tsu = static temperature at back hole, K
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Tgp = static temperature at back plate, K

Tox = static temperature at freestream, K

Ten = static temperature at front hole, K

Trp = static temperature at front plate, K

T = static temperature downstream of porous plate, K

u = velocity in horizontal or x direction, ms™!

Uwr = velocity in wind tunnel, ms™!

U, = velocity in freestream in x direction, ms™!

v = velocity in vertical or y direction, ms™!

Vin = velocity downstream of porous plate in y direction,
ms™!

y = vertical position, m

Ap = pressure loss, Pa

¢ = normalized pressure

I = dynamic viscosity of fluid, Pas

0 = density, kgm™

Poo = density of freestream air, kgm™

Opp = back plate porosity

Ogp = front plate porosity

I. Introduction

N RECENT times, there has been an emphasis in the media on

environmental damage, drawing the attention of politicians and
government. This usually results in current environmental protection
legalization being tightened up, creating a new challenge for indus-
trial leaders. At the same time, performance and other functions have
to be sustained or improved. For example, when a noise reduction
issue has to be addressed, anti/deicing certification has to be main-
tained. As a result, current technology needs to be improved to
perform a wider range of tasks. This paper investigates the feasibility
of the bias acoustic liner as a heat transfer medium and its working
mechanism. The bias liner is particularly useful when both heat
transfer and noise reduction are required, such as combustion cham-
bers, nacelle intake anti/deicing, and jet engine nozzles. The bias
liner was originally conceived to control combustion instabilities in

combustion chambers and to cool the chamber wall.

The conventional acoustic liner currently used by industry is
basically a honeycomb structure sandwiched between a porous plate

and a nonporous plate, shown in Fig. 1.

The bias liner differs from the conventional acoustic liner, in that
both plates are porous, illustrated in Fig. 2. A pressure difference

across the two sides of this liner causes air to flow through it.
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Fig. 1 Convectional acoustic liner [36].

The acoustic characteristics of the bias liner were first investigated
by Dean and Tester [1]. Dean and Tester’s work was limited to proof
of concept, in which they found that a steady airflow does produce
significant changes in acoustic properties of a liner. Since Dean and
Tester, a number of other researchers have investigated the bias liner
concept [2—4]. Sun et al. investigated the combined effects of grazing
and bias flow, which leads to an empirical expression showing that
grazing flow does have an influence on the liner acoustic properties
[2]. However, the bias flow produces a stronger influence on acoustic
absorption, demonstrated by Sun et al. [2]. Eldredge and Dowling
looked at the more specific effect of the bias liner absorbing axial
acoustic waves, deriving a complex mathematical model that was
validated with experimental work [3]. Rademaker and Demmenie
also developed an improved empirical model for the bias liner
acoustic absorption properties [4].

Heat transfer across honeycomb structures has also been
researched [5—7]. Swann and Pitman developed a semiempirical
equation to calculate both radiation and conductive heat transfer in
honeycomb-core and corrugated-core structure sandwich panels;
this equation is widely accepted by industry [5]. Daryabeigi [6]
evaluated the effect of adhesive on the Swann and Pitman model [5]
through experiment, finding that the adhesive gives an increase in
heat transfer. Lu investigated thermal conduction in the honeycomb
cell perpendicular to an airflow blowing through the honeycomb
cells. His work [6] used an extension of fin theory to mathematically
model the thermal conduction in the honeycomb walls [7]. Lu
validated his model using experimental work [7]. Natural convection
properties in a hexagonal honeycomb-core sandwiched between two
solid plates have also been investigated by Asako et al. using an
unsteady numerical method [8]. Asako et al. found natural convec-
tion in a honeycomb cell gives, as expected, an unsteady flow pattern,
but the flow pattern was symmetrical.

Heat transfer between porous plates and airflow has been studied
by arange of researchers [9—11]. Sparrow and Ortiz first investigated
heat transfer to porous plates using an experimental study and
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Fig. 2 Bias flow acoustic liner [37].

developed an empirical equation [9]. Kutscher also experimentally
investigated heat transfer to porous plates; however, for lower
velocities and the effects of crossflow, he also developed some
empirical equations from his results [10]. Dorignac et al. performed a
more detailed study looking at the effects of hole spacing and holes of
smaller diameters, and they developed a more comprehensive
empirical equation [11]. Research looking in more detail at heat
transfer in the hole region has been carried out by Cho and Goldstein
[12] and Cho et al. [13]; they developed a number of empirical
equations for local heat transfer in various different regions of the
hole [12,13].

There have been a number of publications on pressure losses
across porous plates, abrupt expansions, and contractions [10,14,15].
Kutscher found that, as hole size decreases, the pressure loss across
the plate increases significantly due to viscous forces [10]. Kutscher
developed an empirical equation that shows a dependence of pressure
loss across the porous plate on Reynolds number [10]. Gan and Riffat
compared a numerical study to that of an experimental study for
pressure loss across a porous plate [14]. Gan and Riffat found that
numerical methods can predict pressure loss coefficient across
porous plates, and the hole geometry can be simplified without
affecting the accuracy of results. Marjanovic and Djordjevic derived
equations for changes in fluid properties of subsonic flow across
abrupt expansions and contractions [15]. Broach et al. also found that
hole inlet and outlet geometry can have a significant effect on
pressure loss across porous plates [16].

Heat transfer to sidewalls after an abrupt expansion has also been
studied and published [17-21]. Krall and Sparrow investigated the
heat transfer in regions of separation, reattachment, and redevelop-
ment of flow downstream of an abrupt expansion [17]. Krall and
Sparrow’s findings show that, at the point of reattachment, heat
transfer was three to nine times that of corresponding fully developed
flows [17]. Zemanick and Dougall’s results also show that local heat
transfer coefficients downstream of the expansion were always
higher than the fully developed flow [18]. Zemanick and Dougall
produced an expression for the maximum Nusselt number from their
experimental results [18]. Amano carried out a numerical study of
turbulent flow downstream of an abrupt expansion and then made a
comparison with experiment results [19]. Baughn et al. carried out an
experimental study of heat transfer downstream of abrupt expansion,
both for the case of constant wall temperature and the case of constant
wall flux [20,21]. Their results again showed an increase in heat
transfer at the point of reattachment after an abrupt expansion [20].

However, with regard to heat transfer characteristics of an acoustic
liner, a thorough review only found research work by Wong et al.
[22,23] on the conventional acoustic liner. Wong et al. investigated
the effect of the acoustic resonation on the liner heat transfer
capability, showing that the effect was negligible [22]. They also
found that the heat transfer properties of the acoustic liner were not as
poor as had been expected [23].

A thorough literature review has revealed no research looking
specifically at the heat transfer properties of the bias liner. The
present paper will examine, both experimentally and numerically, the
heat transfer and pressure loss characteristics of an idealized bias
flow acoustic liner. The results will be discussed in order to establish
an understanding of the heat transfer mechanisms.

II. Methods

Both experimental measurement and numerical modeling
techniques have been conducted in this research. Heat transfer
measurement of a simplified ideal bias liner was conducted in a low-
speed wind tunnel to observe the behavior of heat transfer of the bias
liner. Furthermore, a single honeycomb cell was modeled using
Fluent® to enhance understanding of the heat transfer mechanisms.

A. Experimental Setup

A sample of a simplified acoustic liner was prepared with one
hole on top and bottom plates in the center of the honeycomb cell.
The sample was then tested, and measurements of pressure and
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g. 3 Honeycomb-core dimensions (in mm).

temperature were taken in order to calculate heat transfer coefficients
and pressure loss across the bias liner.

1. Sample Preparation

The acoustic liner sample was 300 mm in breadth and 176 mm in
length. The sample was constructed from aluminum facing (external)
and backing (internal) sheets of 1 mm and an aluminum honeycomb
core of approximately 22 mm in height. Figure 3 shows honeycomb-
core dimensions. The individual honeycomb cell has a width of
approximately of 6.35 mm, a breadth of 7.33, and a wall thickness of
0.3 mm, as shown in Fig. 4.

The experiment is a controlled test for an idealized version of the
acoustic bias liner, with one larger hole in each honeycomb cell on
the front-covering sheet and one smaller hole on the back-covering
sheet. Because of the large number of honeycomb cells and holes
involved, alignment of the larger hole, honeycomb cell, and smaller
hole presents a big challenge to manufacturing the sample. Special
care has to be taken.

To guarantee the quality of the sample, the first stage in the liner
manufacture was to bond the back sheet only to one side of the honey-
comb core. Bonding was carried out in an autoclave at a temperature
of 177°C, with a vacuum, and under applied pressure. The next stage
was to drill the backing sheet. The backing sheet hole pattern for the
sample was a 0.7 mm hole diameter at a pitch of approximately
6.35 mm along the length and approximately 7.33 mm hole pitch
along the breadth. That would guarantee one hole per honeycomb
cell to give a backing sheet porosity of 1%. A computer numerical
control machine was used to drill the holes. However, since the
operator had to periodically recenter the drill to ensure that all the
holes were drilled in the cell center, only one side of the honeycomb
cell was covered, making periodic recenter possible.

After the drilling process had been completed, the facing sheet
without holes was bonded to the honeycomb using the same
techniques as used for bonding the backing sheet. The cell center
positions were known from the first drilling process; hence, this
information was used to drill the larger holes on the facing sheet with
a given pattern.

—lt- !

7.33
Fig. 4 Honeycomb cell dimensions (in mm).

The hole pattern for the facing sheet was a hole diameter of 2 mm
with a hole pitch of approximately 6.35 mm along the length and
approximately a 7.33 mm hole pitch along the breadth. That is one
hole per honeycomb cell to give a facing sheet porosity of 9%.

2. Experimental Testing

Testing of the sample was carried out in a closed-circuit low-speed
wind tunnel. The wind tunnel was capable of maximum velocity of
50 ms~! with an effective working section of approximately
1.14 x 0.86 m.

A rig that consisted of Perspex plate with side supports, also made
of Perspex, was installed in the wind tunnel. The Perspex plate was a
length of 1315 mm and breadth of 700 mm, with a thickness of
25 mm. The rig itself had a cutout made in which the sample was
placed. The dimensions of the cutout were 176 x 308 mm; again, it
was 25 mm deep. The cutout for the sample was 879 mm from the
Perspex plate leading edge.

Figure 5 shows the dimensions of the rig and the position of the
cutout. For a wind-tunnel velocity of 30 ms™!, this gives a Reynolds
number of 1.9 x 10°:

_ P Uoc lchar _ /OUWTZsample (1)
I M

Re

where Re is the Reynolds number, p is the density, p,, is the
freestream density, Uwr is the velocity in the wind tunnel, U, is the
freestream velocity, /o, is the characteristic length, and g, is the
distance of the sample from the leading edge of the rig.

Figures 6 and 7 show experimental setup and apparatus. Four
pressure tapings were placed in the Perspex plate in order to confirm
that there was no pressure gradient across the plate. The blower fan
could only be turned on or off; hence, a regulator valve was used to
vary hot air flow rate.

The bias flow air was first passed through a 3 kW heater, and
then through the test sample. The bias flow could be heated to

25
e
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Fig. 5 Experimental rig with dimensions (in mm).

Fig. 6 Experimental setup.
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Fig. 7 Test apparatus.

approximately between 60 and 100°C. The maximum mass flow rate
was 0.018 kgs™!.

A pressure tapping was placed in the insulation layer (hatched
layer in Fig. 8). This pressure tapping was used to measure the
pressure just before the acoustic liner backing plate. A thermocouple
was also placed in the open section at the insulation layer in order to
measure the air temperature of the bias air flowing into the test
sample.

3. Instrumentation of Sample

The sample was instrumented with T-type thermocouples. T-type
thermocouples were chosen based on published literature for the
same range of experimental testing conditions [24]. Thermocouples
were placed at the outlets of five holes on the facing sheet, and Try
represents the temperature measurement for the front holes. Five
thermocouples were attached at equal spacing to both the facing Tp
and backing sheet, and Tp represents the temperature measurement
of front plate. The sample used a total of 15 thermocouples; see Fig. 9
for approximate positions of thermocouples.

4.  Measurements

Thermocouples were connected to a National Instruments
SCXITM, which was connected to a computer. LabVIEW ™ gsoftware
was used to analyze the data received from the thermocouples.
Pressure measurements were made using a Furness Controls
FCO510 digital manometer. The flow rate through the acoustic liner
was measured using a Bailey Fischer and Porter 10VT1000 Vortex
4™ flowmeter.

The temperatures measured from the corresponding thermocou-
ples were used to obtain the acoustic liner heat transfer coefficient.
The acoustic liner heat transfer coefficient was calculated using the
following equation:

liner

Rier = et @)
finet Aliner(Tin - TFP)

External Airflow (Wind
Tunnel)

v

Perspex Plate

/'

Acoustic Liner Sample

Insulation Layer T T \
Aluminium
Heated Air Mating Plate
Passing through

Acoustic Liner

Fig. 8 Pressure tapings.

7.
External «
Aprflow  —
uy) —
T3
FH. Tep
[ ]

7;
s® Heated Bias
I T I I T Flow Air
v *Tin
Fig. 9 Thermocouples positions in honeycomb cell.

where /., is the overall heat transfer coefficient of the acoustic liner,
Giiner 18 the heat loss across the acoustic liner, Ay, s the acoustic liner
total area that is exposed to the exterior boundary layer, Tgp is the
temperature of the front plate skin, and 7;, is the temperature of the
heated air.

The heat loss across acoustic liner g, is calculated using the
following equation:

Gliner = rhcp(Tin - TFH) (3)

where 7 is the mass flow of the heated air, ¢, is the heat capacity of air
at constant pressure, and Tgy is the temperature of the air exiting the
holes on the front of the acoustic liner.

5. Test Conditions

The volume flow rates through the liner were varied from 0.2 to
1.1 m* min~!. Correspondingly, the voltage across the heater unit
was varied between 100 to 150 V, along with varying the wind-tunnel
speed between 10 and 30 ms~!. The bias to grazing velocity ratio is
between 0.015 and 0.077: that is for the bias velocity averaged over
the entire front plate and not the hole exit bias velocity. This was all
done in order to maximize the temperature difference between the
liner top plate surface and the inlet air, so as to minimize error.

The thermocouple measurement error was estimated to be less
than 5%. The manometer measurement error was estimated to be
less than 2%. The flowmeter measurement error was estimated to be
less than 2%.

B. Numerical Solution

An individual honeycomb cell in the acoustic liner was modeled as
a three-dimensional grid. Providing there is no lateral conduction in
the honeycomb [8], a single cell can be considered representative of
the entire honeycomb. A modified grid was also created to investigate
the effects of a burr on heat transfer and pressure loss across the
acoustic liner. The numerical solution of the honeycomb cell was
solved using a commercial computational fluid dynamics code,
Fluent.

1. Computational Domain

Figure 10 shows the computational domain of the three-
dimensional honeycomb cell. The computational domain is divided
into three sections, with the honeycomb cell being the middle
section. The honeycomb cell was constructed with the top surface
having a large hole, of 9% open area of the total cross section area of
the cell, while the bottom surface had a small hole, of 1% open area.
The section before the small hole is the inlet section, and the section
after the large hole is the outlet section.

Hexagonal geometry was used for the holes in the top and bottom
plates (if their area is same as that of the equivalent circular holes,
then the effects on flow can be neglected [14]).

The modified grid was effectively split into four sections. An extra
section was inserted between the inlet section and the honeycomb
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Fig. 10 Three-dimensional honeycomb cell.

cell to represent the plate thickness and the small duct of the back
plate hole, as shown in Fig. 11.

Typical burr geometry was created at the exit of the back hole using
typical values in available literature [25-27]; see Fig. 12. The
geometry parameters used were burr radius of curvature to hole
diameter ratio of 0.101 and chamfer length to hole diameter ratio
of 0.1.

2. Boundary Conditions

Most of the boundary conditions were similar for all solutions of
the honeycomb cell. The main differences in boundary conditions
were those set at the honeycomb walls. The following is a list of all
the boundary conditions:

1) A velocity inlet boundary condition was created at the
beginning of the inlet for all grids; several cases were run for all grids
in which the inlet velocity was varied from 0.2 t0 0.9 ms™'. The inlet
flow direction was specified normal to the boundary. For all cases and
grids, the inlet temperature was 343 K, the turbulence intensity was
set at 5%, and the hydraulic diameter was set as the back hole
diameter at 0.0007 m.

2) A pressure outlet boundary condition was set at the end of the
outlet section for all grids and cases. Operating pressure was set to
zero, so the gauge pressure was set to 101,325 Pa, and the backflow
total temperature was set to 293 K; the backflow direction was
specified normal to boundary. As with the velocity inlet, the
turbulence intensity was set at 5% and the hydraulic diameter was set
as the back hole diameter at 0.0007 m.

3) A symmetric boundary condition was set at the sides of the inlet
and outlet sections.

4) The honeycomb cell top, side, and bottom surfaces were all set
as a wall boundary condition with the properties of aluminum.
Fluent’s shell conduction model was enabled. The bias acoustic liner

\ Extra section to represent hole duct
and plate thickness; a burr is also modeled
at the edge of the hole

Fig. 11 Modified grid geometry.

Fig. 12 Burr geometry.

will typically have a grazing flow on its surface. The effect of the
grazing flow will be to increase heat transfer between the liner surface
and the freestream. However, the effect on the heat transfer mecha-
nisms inside the honeycomb cell can be neglected [12]. To replicate
this grazing flow, the top surface of the honeycomb cell had a
negative heat generation rate of 8 MW m~>. This heat generation rate
was calculated from the heat transfer coefficient for the turbulent
boundary layer on a flat plate using a well-accepted expression [28].

5) For the modified grid, due to plate thickness being modeled, the
two fluxes were placed on inlet and outlet sides of the bottom surface
to model conduction through the back plate. Hence, a negative heat
flux of 2 kW m~2 on the inlet side of the bottom surface and a positive
flux of 2 kW m~2 was set on the outlet side of the bottom surface. The
remaining surfaces within the hole and between the hole duct section
and the honeycomb were set as wall boundaries with zero conduction
properties.

3. Turbulence Model and Solver

A k-epsilon turbulence model with nonequilibrium wall functions
was used for numerical solutions, because the k-epsilon model has
been previously used to investigate turbulent jet structures [29-32].
In addition, to assess the choice of turbulent model, a number of other
turbulent models, including the Reynolds stress model, were also
used for a single case. The turbulent intensity was also varied;
however, as can be seen from Figs. 13 and 14, turbulent model and
turbulent intensity had minimal impact on the numerical solution. A
second-order solver was used. A convergence criterion of 1 x 107¢
was used.

4. Grid Dependence

A grid dependency study was also carried out; see Figs. 15 and 16.
Two meshes were created with 220,000 cells and 1,760,000 cells.
The results of the numerical solution of each of the two meshes were
compared. The maximum difference between the results from each
mesh was found to be within 2%. The mesh with 220,000 cells was
used.

III. Results and Discussion
A. Heat Transfer

Figure 17 shows the variation of both the acoustic liner and back
plate Nusselt numbers Nu,,p against Reynolds numbers Re, . The
acoustic liner back plate was considered equivalent to a single porous
plate, as the flow approaching the back plate is uniform and
undisturbed. Therefore, Dorignac et al.’s experimental plate corre-
lation [11] and the numerical solution for the back plate were
included.

The Nusselt number and Reynolds number are defined as follows:

hA/P VinA/P
Nuy,p =% Reyp :%

where £ is the heat transfer coefficient, A is the local active area
around hole, P is the hole pitch, k,;, is the conductivity of air, p is the
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air density, V;, is the velocity downstream of the back porous plate,
and p is the dynamic viscosity of fluid.

Three-dimensional numerical and experimental results show that
the acoustic liner has a higher heat transfer coefficient than the porous
plate (or acoustic liner back plate). Although the difference between
experimental and simulation results increases along with the increase
of the Reynolds number, the results from the simplified single cell
model compare well with the measurements at low Reynolds
numbers and predict the increase trend of the Nusselt number with
the increase of the Reynolds number.

The three-dimensional numerical solution for the back plate only
slightly varies from Dorginac et al.’s experiment correlation [11].
When comparing the results for heat transfer across the entire
acoustic liner to the front face, the three-dimensional numerical
solution predicts a lower heat transfer coefficient, particularly at high
flow rates. This is most likely due to the film cooling/heating effect of
the heated air blowing into the freestream [33]. Experimental results
for the entire acoustic liner show a steeper gradient than those of the
three-dimensional numerical solution.

To fully understand the heat transfer mechanism of the bias liner,
two approaches have been adopted with corresponding assumptions.

Initially, it was expected that there would be little or no heat
transfer between the internal flow in the honeycomb cell and its
sidewall. It was expected that heat would just be conducted from the
back plate to the front plate, up along the sidewall. Based on these
assumptions, a simple heat transfer model was derived using electric
circuit analogy similar to that used by Wong et al. [22]. Therefore, the
acoustic liner heat transfer coefficient could be calculated using
Eqg. (4):

huchgp(1 — opp)

Riiner = hyp(1 — 4
Liner = e e (I — Ogp) + hep(1 — Opp) “)

where hgp is the front plate heat transfer coefficient, /gp is the back
plate heat transfer coefficient, opp is front plate porosity, and opp is

the back plate porosity. The variable Ay is an equivalent heat transfer
coefficient for conduction defined as follows:

k,
hyc = 7 ()

where k, is the effective conductivity, which was calculated using the
Swann and Pitman model [3], and [ is the length of the honeycomb
cells. The acoustic liner back plate heat transfer coefficient can be
calculated using Dorginac et al.’s correlation [11]. The front plate
heat transfer coefficient can also be roughly estimated using
Dorginac et al.’s correlation.

However, the results from both the three-dimensional numerical
solution and the experiment give a higher heat transfer coefficient
than that predicted by Eq. (4). Hence, the theory was modified
assuming that the acoustic liner surface was isothermal and that the
heat transfer between the internal honeycomb flow and the sidewalls
was the same as that for fully developed duct flow, as shown in
Eq. (6):

Miiner = hpp(1 — 0p) + hppF + hpp(1 — Opp) (6)

where hpp is the heat transfer coefficient for fully developed duct
flow, and F' is a shape factor for the honeycomb wall defined as
follows:

4l
D

F N

where D is the hydraulic diameter of the honeycomb cells.

Both three-dimensional numerical and experimental results again
give a higher heat transfer coefficient than that calculated using
Eq. (6). A further literature search revealed that heat transfer between
the internal honeycomb flow and the sidewalls can be five times that

experienced in fully developed duct flow [20,21]. Peak heat transfer
occurs at the point where the flow reattaches to the honeycomb
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Fig. 18 Honeycomb sidewall transfer.
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sidewall [20]. Actual values calculated from the three-dimensional
numerical solution give values seven times that of fully developed
duct flow; see Fig. 18. As the abrupt expansion ratio becomes larger,
so do the sidewall heat transfer coefficients [20]. Figure 18 shows that
the heat transfer is not uniform along the honeycomb cell wall, and
the variation of heat transfer along the honeycomb cell wall also
changes with Reynolds number. When the Reynolds number
approaches 366, the heat transfer first increases with the increase of
Reynolds number, then it tends to become uniform.

As aresult, it has been seen through both the numerical solution
and experiment results that the heat transfer coefficient of the
acoustic liner is higher than that of the single porous plate.

This can be expected as the fluid passes through two porous plates
rather than one. Two porous plates roughly double the active area
where heat transfer between the fluid and the solid surface can take
place. However, from Fig. 17, it can be seen that the heat transfer
coefficient is more than double that of the back plate. Hence, it
suggests that there are other effects present, such as heat transfer at
the honeycomb sidewalls, as can be seen from Fig. 19. Moreover, this
effect becomes stronger as the Reynolds number increases.

An additional numerical simulation was carried out. This time, it
was just for one case with Fluent ’s shell conduction feature turned
off, but a heat flux was still placed on the front plate. Figure 20 shows

3.43e+02

3.10e+02

Repp=78

3.43e+02

2.93e+02

Repp = 235
Fig. 19 Static temperature contours.

the static temperatures for the shell conduction enabled. Figure 21 is
the static temperature contours when shell conduction is disabled.

Comparing both figures shows that there are temperature gradients
between the entire honeycomb cell surfaces and the internal fluid
flow when shell conduction is enabled, whereas temperature
gradients are only present at the front plate when the shell conduction
is disabled. In summary, the numerical solution shows that heat
transfer does occur between the honeycomb sidewalls and the
internal fluid flow. All the flow inside in the honeycomb cell is
turbulent at the start due to the separation as the flow exited the small
back hole. Then, reattachment occurs, and finally, the flow will be
forced laminar at the other end of the honeycomb cell as it impinges
on the plate while exiting through the larger front hole.

Comparing Fig. 18 with that of Fig. 22 shows that the numerical
solution roughly gives maximum heat transfer at the point of
reattachment. These findings are supported in the previous research
investigating heat transfer downstream of abrupt expansions [17,20].
The research work of Krall and Sparrow [17] and Baughn et al.
[20,21] came to the following conclusions. In areas of recirculation
just after the abrupt expansion or fully developed flow downstream of
it, the local heat transfer coefficient was similar to that for fully
developed duct flow. At points of reattachment, the heat transfer
coefficient was found to peak reaching values between three to five
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3.43e+02

2.93e+02

Fig. 20 Static temperature contours with shell conduction enabled
(Reyp = 353).

times that found in fully developed duct flow. Other regions, such as
those of developing flow, also had higher values of heat transfer
coefficient: about twice that for fully developed flow. The point of
reattachment moves up with the increase of the Reynolds number to a
limit roughly one-third of the honeycomb length.

By turning the shell conduction off, heat transfer only occurs at the
acoustic liner front plate, also making it possible to calculate the heat
transfer coefficient of the front plate. It was found that the heat

Region with
developing flow

Approximate position of
reattachment point

Recirculation region
producing heat
transfer coefficients
similar to fully
developed duct
flow Repp =78

Approximate position of
flow reattachment

Reap =235

3.43e+02

2.93e+02

Fig. 21 Static temperature contours with shell conduction disabled
(Reyp = 353).

transfer coefficient of the front plate was within 27% of that
calculated using Dorginac et al.’s experiment correlation [11]. It is
believed that the large difference is due to the flow still having a small
jeteffect as it approaches the front plate. This is verified with Fig. 23,
where only a small jet effect can be seen; this can be expected from
the large depth to hole diameter ratio, //D = 31.

Approximate position of
flow reattachment

Reap =313

Fig. 22 Path lines.
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A percentage of 17.6 of the total heat transfer occurs at the front
plate. A percentage of 14.7 of the total heat transfer occurs at the back
plate. The remaining heat transfer occurs at the honeycomb
sidewalls.

B. Pressure Loss

Figure 24 shows that the normalized pressure loss across the
acoustic liner back plate is the most significant, as can be expected
due to the small size of holes in the back plate compared with those in
the front plate. Therefore, the pressure losses across the front plate
can be neglected.

For pressure loss, the numerical solution for back plate only varies
slightly with that of Kutscher’s experimental correlation [10]. How-
ever, experimental results for an acoustic liner show a lower pressure
loss agreeing with the traditional expression for pressure loss across
abrupt expansions and porous plates [34]. As the Reynolds number is
further reduced, the flow does tend toward Kutscher’s experimental
correlation [10].

Normalized pressure and Reynolds number are defined as follows:

é’: Ap Red = V“Pd

(/2pV2,
where ¢ is normalized pressure, A p is pressure loss, and d is back
plate hole diameter.

The difference between experimental results and the numerical
solution was left unexplained in a previous publication [35].
Kutscher’s experimental findings concluded that a dependence on
Reynolds number for porous plates with small hole diameters was the
result of strong viscous losses in the holes [10]. He said these viscous
losses were the result of forced laminar flow in the small holes.

Therefore, it was thought that the difference between the
experiment results and the numerical solution could be caused by
large turbulence effects in the experiment setup, as the bias flow air
was provided by a blower fan, which then passed through a series of
heating elements. This was very likely to cause high levels of
turbulence. Higher levels of turbulence in the bias flow may have
prevented forced laminar flow in the holes of the porous plate, hence
giving a lower pressure loss.

Further numerical work was carried out to determine if this was the
case. The numerical solution was improved by refining the mesh; cell
density was increased within and close to the back plate holes.
Turbulence intensity was varied in the numerical solution to see if it
had any effect on normalized pressure loss. Turbulence models, wall
functions, etc. were all varied to see if they had any effect on pressure
loss. However, these all proved to have only a small effect on the
pressure loss: about a 5% change.

At this point, it was decided to modify the numerical model to
investigate the effects of the back hole geometry on pressure loss.

C. Modified Numerical Solutions

First, a very simple mesh was created just to simulate the back
plate of the acoustic liner. With attention focusing on the geometry of
the back plate holes, the first major difference that had been
overlooked was the plate thickness relative to the hole diameter.

The plate thickness was 1 mm, while the hole diameter was
0.7 mm; the original numerical solution had modeled a plate of
negligible thickness compared with hole diameter, so the grid was
modified to take account of plate thickness. Various simulations were
carried out for plates of different thicknesses. However, from Fig. 25,
it can be seen that the lowest pressure loss was for a plate thickness
ratio of about 0.8. For the test samples geometry, the normalized
pressure loss was about 19,391, still about twice the value of the
experimental results that give about 9801.

The further reduction in pressure loss was thought to be caused by
the presence of a burr at the outlet of the back hole. Two geometry
parameters were considered to have an effect on pressure loss, the
length of the burr L, and the radius of the curvature of the burr R,
The effects of these geometry parameters are displayed in Figs. 26
and 27.
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Fig. 25 Normalized pressure loss against #/d.
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Fig. 26 Normalized pressure loss against L, /d.

More realistic values of burr geometry based on published work
[25] (that is, L,/d = 0.1 and R,/d = 0.101) were chosen, which
gave a normalized pressure loss of 15,217. A simulation of the
honeycomb cell with a burr at the back hole was carried out to see
what effects hole geometry had on heat transfer characteristics. This
simulation was compared with a grid without a burr at the back plate.
This solution was also compared with the experimental results; see
Fig. 28. As shown in Fig. 28, the simulation results (shown by a
dashed line) are still about 64% higher than the normalized pressure
loss given by experimental results (shown by x); however, the results
are not only closer to the experimental results, but they also show the
dependency of the pressure loss on the Reynolds number with the
same trend. The numerical results for the larger back plate porosity
were also included. By comparing these three sets of results, acoustic
liner experimental data, acoustic liner numerical solution of 1% back
plate porosity (modified grid), and 3% back plate porosity, it is
reasonable to conclude that the viscous losses (i.e., forced laminar
flow in small holes) are one of the factors affecting pressure loss. This
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Fig. 27 Normalized pressure loss against R, /d.
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Fig. 28 Comparison of acoustic liner with burr.

demonstrates that hole geometry has a significant effect on pressure
loss that is also supported by Broach et al.’s findings [16].

The work by Kutscher [10] suggested that relaminarization would
occur in the holes for the experiment; hence, there would be a high
pressure loss. However, as the initial numerical solution was com-
pleted before the experiment, the results of that solution were
expected to correspond to that of Batchelor [34]; the traditional
expression assuming relaminarization does not occur in the holes.
But the initial numerical solution agreed more closely with Kutscher
[10], suggesting that, in Fluent, the K-epsilon turbulence model
could detect relaminarization. Once the experiment was completed,
the result gave a lower pressure loss, agreeing almost perfectly with
Batchelor [34], suggesting that, in practice (for this specific case),

relaminarization did not occur. Therefore, increases in turbulence
intensity and various other turbulence models (including the
Reynolds stress model) were tried for one case, but this produced no
significant effect on pressure loss. Only when the hole geometry was
modified was the pressure loss significantly affected. This concludes
that the hole geometry (or defect, mainly burr and plate thickness)
was preventing the flow relaminarizing in the holes. This is supported
by Broach et al. [16], who experimentally demonstrated that changes
in hole geometry can significantly effect pressure loss values, and it is
particularly important in some applications where plate porosity, etc.
cannot be modified.

Figure 29 gives the graph of a Nusselt number plotted against a
Reynolds number, comparing different numerical results with the
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experimental results. The numerical solution of the cell with
modified geometry gives higher heat transfer than that of the original
model, which is closer to that of the experimental results. Further-
more, the modified solution also shows a steeper gradient toward the
experimental results. These findings show that small irregularities
not modeled in numerical models can produce differences between
the numerical solution and experimental results. This again was
thought to be due to geometry effects of the hole, as Fig. 29 shows
that the geometry defects also affect heat transfer as well as pressure
loss. The reason for the higher heat transfer close to the back plate and
flow reattachment point is most likely due to the burr reducing the
amount of energy extracted from the jet, hence allowing it to attach to
the wall more gradually and at a greater speed. The numerical results
for the larger back hole give the same heat transfer as the numerical
results for original back hole size, i.e., the smaller hole size. The
maximum difference between experimental and numerical results for
the modified solution is 16% compared with 37% for the original
solution.

Figure 30 shows the ratio of the local sidewall Nusselt number to
equivalent fully developed duct flow The Nusselt is number plotted
against the sidewall position at the same Reynolds number. The
graph compares the original numerical solution to the modified
numerical solution. The modified numerical solution predicts higher
heat transfer in regions close to the back plate and at the flow
reattachment point. The reason for the higher heat transfer close to
the back plate and flow reattachment point is most likely due to the
burr reducing the amount of energy extracted from the jet, hence
allowing it to attach to the wall more gradually and at a greater speed.

IV. Conclusions

The numerical solution for the acoustic liner back plate Nusselt
number varies only slightly from that of Dorignac et al.’s experiment
correlation [11]. A higher heat transfer rate than expected is achieved
for the acoustic liner that is verified by both numerical solution and
experiment. The primary reason for this is an increase in heat transfer
in the region where the flow inside each of the honeycomb cells
reattaches to the sidewalls after exiting a small hole.

Initially, the simulation of the simplified model does not match
with the experimental results for pressure loss due to idealization or
ignorance of the difference in the hole geometry. Experimental
results for normalized pressure loss were found to agree with the
traditional expression for pressure loss across abrupt expansions and
porous plates [34]. The numerical solution agreed with Kutscher’s
experiment correlation [10]. Further literature review revealed that
hole outlet geometry has a significant effect on heat transfer and
pressure loss characteristics [16]. Therefore, a modified model was
developed, and the solution was improved. It was found that the
presence of a burr at the hole outlet gave better agreement with
experimental results.

Appendix A: Energy Balance at each Acoustic
Liner Component

The overall heat transfer coefficient of the acoustic liner Ay, 1S
defined as follows:

q. Liner — hLinerAT(Tin - TFP) (Al)

where ¢ ;. 1S total heat transfer rate through the acoustic liner, A is
the total facing sheet area of the acoustic liner, T, is the temperature
of the heated bleed air, and Tp is the temperature of the front plate
skin. The liner heat transfer coefficient will mainly be a function of
the acoustic liner plate and honeycomb geometry, as well as the flow
rates. The heat transfer coefficient of the grazing boundary layer is
defined as follows:

G L = hgtAr(Tep — To) (A2)

where ¢p; is the heat swept away by the grazing boundary layer, and
T, is the temperature of the freestream. Both the heat transfer
coefficients of the grazing flow boundary layer and the acoustic liner

use the total area of the liner facing sheet A; as their reference area.
Assuming that the total heat transfer through the acoustic liner is
swept away by the grazing boundary layer, then

4 Liner = 9BL

In other words, the total heat passed through the liner is then
passed into the grazing flow boundary layer. In calculating the overall
heat transfer coefficient of a complicated system where there is a
number of heat transfer coefficients involved, an electric circuit
analogy is useful. This makes it simpler to visualize the problem and
combine various heat transfer coefficients:

g

AT =—-L
hA;

V=Rl

Comparing the equation for the heat transfer rate with that for
electric current, it can be seen that the potential difference V is the
analogy of the temperature difference AT. Electrical resistance R is
the analogy of the inverse heat transfer coefficient 1 /4. The electrical
current / is the analogy of heat flux ¢/A;. Starting with the heat
transfer between bias flow fluid and the back plate skin, the back plate
heat transfer coefficient spp is defined by the following equation:

G gp = hgpAr(1 — ogp) (T3, — Tgp) (A3)

where ¢gp is the heat transfer rate between the bias flow fluid and the
back plate skin, ogp is the back plate porosity, and Tgp is the
temperature of back plate skin. Assuming that the heat transferred
into the back plate is then conducted away by the honeycomb walls,
and neglecting effects of the jet sweeping the sidewalls, etc., then

G 8p = Gcond = hucAr(Tgp — Trp) (A4)

where hye is the conduction heat transfer coefficient, which was
defined in Eq. (9), &, is an effective conductivity, and L is the length
of the honeycomb cells. If the heat transfer to the honeycomb walls
by other effects, such as free jet reattachment and vortices, etc., is
assumed to be negligible, then it can be said that heat transfer
conducted through the honeycomb walls and back plate skin are
equal. Hence, the heat transfers happen one after another; therefore,
an analogy can be made with two resistors connected in series; see
Fig. Al:
From circuit analysis, combining resistors in series is simply

Ry =R, +Ry+Ry+------ +R,;

This is applicable to inverse heat transfer coefficients, so from
Fig. Al,
1 1 + 1
hy  hgp(1 —opp)  huc

Rearranging gives the combined heat transfer coefficient for the
whole system £;:

ho— hyuchgp(1 — ogp)
! hyc + hgp(1 — opp)

The bias flow fluid will emerge from the back plate hole as a jet and
impinge on the front plate. As already stated, impingement of the free
jet on the front plate skin will transfer some heat into the skin. The
heat transfer coefficient between the free jet and the front plate skin
hip 1s defined as

q imp = himpAT(l — o) (Tgn — Trp) (AS)

imp

—r L
hpU-0g) g

VA VA VANEEEIVA V4 Ve il
T Tsr Irr
Fig. A1 Circuit diagram for conduction.
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where g, is the energy transferred from the free jet at the back plate
hole to the front plate skin, ogp is the porosity of the front plate skin,
and Tgy is the temperature in the back plate hole. However, a more
useful heat transfer coefficient is that between the heated bleed air
and the front plate skin, as follows:

q imp — hepAz(1 — 0pp) (Tiy — Trp) (A6)

As can be seen from the preceding equation, the heat transfer rate is
the same with the exception of temperature difference. Variables ipp
and Ay, are related by the following equation; see Appendix B for an

full explanation:
hA
hgp = himp(l - T) (A7)

mc,

where 7 is mass flow of the bias flow, and c,, is the heat capacity of
the fluid at constant pressure. Most analytic methods for heat transfer
of free jets impinging on a surface are in the form of Eq. (A5). When
using the circuit analogy to find the total heat transfer coefficient of
the acoustic liner, it must be in the form of Eq. (A0).

Figure A2 shows a complete circuit diagram for the acoustic liner.
The heat transferred through impingement of the free jet on the front
plate takes a different path from the heat transferred by conduction.
The temperature difference for impingement is the same as that for
conduction. This is the same behavior as resistors in parallel. From
circuit analysis to combine resistors in parallel is simply

Hence, the same applies to Fig. A2:

1
Miner = 1 i) 1 11/ Trgp (1 — gy T (1~ 0w

Rearranging the preceding equation gives the combined heat
transfer coefficient for the whole system Ay ;,.,, which is defined in
Eq. (4). As the jet reattaches or sweeps the honeycomb sidewalls, it
gives a heat transfer rate at the point of attachment that is five to seven
times that of the fully developed pipe flow at an equivalent Reynolds
number. A simple expression for the overall acoustic liner heat
transfer coefficient can be derived from a circuit analogy, as in the
previous section. The circuit can be simplified by assuming that
temperatures remain equal and constant on the front plate, back plate,
and honeycomb sidewalls. Hence, the acoustic liner is assumed to be
isothermal and have perfect conduction, and the circuit diagram for
this case is given in Fig. A3.

Figure A3 assumes perfect conduction, hence all heat transfer
coefficients are due to forced convection heat transfer from the bias
flow fluid to the back plate, front plate, and honeycomb sidewalls.
The total heat transfer coefficient for the isothermal acoustic liner
with perfect conduction can be derived from the circuit diagram and
gives Eq. (6), where hgy is the average heat transfer coefficient for
the sweeping jet flow, F' is a shape factor for the honeycomb wall

Trp

—
Ry 0=055)

hpy(1-0g)

Tin
Fig. A2 Circuit diagram for acoustic liner.

Trp

9_

1 1
1 —_ -
m% Ry hp(1-05)

\

Tin
Fig. A3 Circuit diagram for sweeping.

defined in Eq. (7), and D is the hydraulic diameter of the honeycomb
cells. Most of the heat transfer coefficients in Eq. (7) can be
calculated. If the peak heat transfer and the distribution of the heat
transfer are known, an average heat transfer coefficient can be
determined for the sweeping flow on the sidewalls. The front plate
heat transfer coefficient can be found using Eq. (A7).

Appendix B: Acoustic Liner Impingement
Heat Transfer

The heat rate transferred between the back plate hole and the front
plate skin through impingement of the jet on the front plate is given
by Eq. (AS). However it would be useful to get a heat transfer
coefficient in terms of the temperature difference (7}, — Tgp), as in
Eq. (A6). The heat conducted through the honeycomb walls is given
as follows:

q8p = guc = M A(Ty, — TFP) (B1)

where

ho— hyuchgp(l — ogp)
1

= (B2)
hyc + hgp(1 — opp)

Assuming that the heat lost between the box section and the back
plate hole is conducted away through the honeycomb walls,
energy in = ric,T;, energy out = ritc,Tgy + §pp

If energy is conserved.

energy in = energy out

Therefore,
mc, Ty, = mc,Tgy + gpp (B3)
Rearranging
Ton = Ty — 220 (B4)
me

P
Substituting Eq. (B1) into Eq. (B4) gives

hyAr (T — Tep)
me

Ty =T, — (BS)

p
Substituting Eq. (BS) into Eq. (A5) gives

hAr(Tin — Trp) T, )
- FP

qimp = himpAT(l - O-FP) (Tin -
mc

Expanding gives
q‘imp = himpAT(l — o) (Tin — Trp)
_ himphlA%(l — 0pp)(Tin — Trp)

mcp

P
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Tidying up gives

. h A
q imp = himpAT(1 - GFP)(I - -1 !
mc

)(Tm —Tr)  (BO)

14

Comparing Egs. (A6) and (B6) shows how hpp can be related to

h

(1]
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3

—
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imp»

as in Eq. (A7).
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